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An experimental approach for investigating scuffing initiation due to
overload cycles with a twin-disc test device
Matti Savolainen, Arto Lehtovaara
Group of Tribology and Machine Elements
Department of Materials Science, Tampere University of Technology
PO BOX 589, 33101 Tampere, Finland
Abstract
This paper presents an investigation into the effect of unexpected overloading on scuffing initiation with a twin-disc
test device. An existing twin-disc test device was modified to be suitable for applying overloading dynamically to the
disc contact. Three test series including three pairs of discs in each series were subjected to combined normal force
and rolling/sliding loading. First a base level for scuffing initiation was defined by increasing the normal load stepwise
until failure, while keeping the rolling and sliding between the discs constant. In the subsequent test series, the
overload cycles were applied at a significantly lower level in two different patterns leading to scuffing at both an earlier
and later stage than was observed for the base level.
Keywords: Scuffing, twin-disc, overload, friction.

1. Introduction
Bevel gears in ship shafting lines often experience occasional overload cycles caused by propeller impacts on hard
obstacles e.g. ice floes. The gear teeth have long been dimensioned against dynamic loads using load influence factors.
However, occasional overload cycles are usually not noticed as a separate factor and therefore their role is neither
visible nor accounted for in gear dimensioning.
The exact initiating mechanism of scuffing failure is not fully understood, although there appears to be a close
relationship between a scuffing failure and lubricant film breakdown as noted in e.g. Ref. [1]. High surface pressure and
sliding velocity with consequent frictional heating may affect the thickness of the lubrication film, whose decreasing
viscosity leads to damaging asperity contact.
In addition, shear stresses play a key role in determining the film’s thickness in an EHL contact between the rolling
surfaces and the lubricant. However, a lubricant can only withstand a limited shear stress [2, 3]. If this limit is exceeded
and if the maximum allowable shear stress in the oil is more dependent on the oil’s temperature than viscosity, a thinner
oil film may result because less oil is dragged into the contact area [4].
Another factor to consider is that a transient load rise instantly reduces the lubricant film thickness at the same time
increasing the friction coefficient [5], which increases the potential for asperity contacts. It has also been reported that a
temperature rise in the lubricant film profile occurs under heavy loading, due to the compression and the viscous friction
[6, 7] increasing the risk for a scuffing failure.
The risk of scuffing is also known to be high during the initial settling of contacting surfaces often termed ‘running-in’,
which is defined as the series of processes of wear rate and friction stabilisation for lubricated contacts [8]. In fact, the
nature of scuffing is different than other gear failure modes in that it may be initiated after only a short period of severe
load cycles in harsh conditions. Hence, rarely occurring occasional overload cycles may shorten the gear’s life time
significantly through a scuffing failure.
The flash temperature method is a widely-used approach to calculate the risk of scuffing. It was originally proposed by
Blok [9] in 1937 and further enhanced by Jaeger [10] and Archard [11]. The basis of the theory is in the calculation of
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the maximum contact temperature tc, which is an indication of the risk for a scuffing failure. This temperature is
considered to be the sum of the bulk temperature tb and the flash temperature tfmax generated in the contact as follows:

t c = t b + t f max

(1)

One of the challenges with the above theory is the evaluation of the bulk temperature. In many cases this can be found
by measurement, but an analytical approach based on loading is presented in Ref. [12]. Also recently Xue et al. proposed
a method for predicting scuffing failure in spur gear pairs by means of a transient thermal solver [7]. This includes a
temperature rise formula based on transient heat flux and a transient thermal elastohydrodynamic lubrication (TEHL)
model, which takes into account the dynamic loads.
The experimental approach for finding the scuffing load-carrying capacity of a lubricant-material pair is traditionally
defined by conducting FZG test procedures described in the standards [13]. Additionally, several scuffing studies have
been performed with both the FZG device [1] and with bevel-gear-based test devices [14, 15]. The focus has been on
variating the used lubricant, the influence of the oil temperature and the applied loading, amount of the oil supplied and
the effect of a coating on the contact surface. Despite the stability of the results delivered, the possibilities for
investigating a wider range of parameters is somewhat limited; often requiring a new design for the gear wheels. In
addition, several scuffing studies have been performed by variating the above mentioned parameters, but observing the
behaviour of a piston ring and liner contact [16, 17, 18]. However, an obvious difference exists between the conditions
in comparison to a gear teeth contact.
A new approach to the scuffing test has recently been presented [19]. This utilises a ball-on-disc test device with contrarotating surfaces to limit the EHD films. This arrangement enables the determination of the boundary lubrication
conditions over a wide range of sliding speeds.
With the twin-disc test device, the elliptical pressure distribution, which is seen between the gear teeth in e.g. spiral bevel
gears, can be reproduced [20, 21]. This is done through the precise definition of the discs’ geometries. Furthermore, the
structure of the device enables the actual loading of the contact to be highly adjustable. Over the years, the twin-disc
test device has been used to study the behaviour of friction, pitting formation, wear prediction and the influence of surface
roughness [22, 23, 24, 25]. The effect of different surface conditions on scuffing initiation has been also investigated
[26]. However, there has not been much research focusing on the effect of variable loading on scuffing failures, which
is the main topic of this paper. The paper presents the first result of an investigation of the relationship between overload
cycles and the initiation of scuffing using a twin-disc test device.

2. Test equipment
The tests are conducted with an existing in-house-built twin-disc test device as shown in Fig. 1. The original version of
the device is described in detail in Ref. [27]. However, the device was updated in order to be able to apply dynamic
loading on the contact. The hydraulic cylinder and its control valve, which place a variable normal force FN on the discs,
were renewed. In addition, the valve control system hardware has been updated and reprogrammed. The load frame
with the test discs are illustrated in Fig. 2. The applied normal load is measured with a force transducer situated behind
the normal force cylinder and its signal is used as an input for the valve controller.
The adjustable rotation speed, direction and slide-to-roll ratio are controlled with frequency converters, which drive the
electric motors. These are joined to the shafts via couplings allowing minor misalignment between the axles.
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Fig. 1. The twin-disc test device.

Fig. 2. The load frame.
A separate hydraulic unit provides lubricant for the disc contact injected from the inlet side. The same unit also lubricates
the support rolling bearings inside the test device. Stepless adjustment of the lubricant flow is provided by means of a
frequency-converter-driven pump motor and manual valves. The lubricant inlet temperature is automatically controlled
by a separate microcontroller unit.
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The test device is highly adjustable and automated enabling the possibility for unmanned operation. Some of the
performance values are listed below:
•
•
•
•

Rotation speed: Max 6000 RPM
Normal load: Max 50 kN
Lubricant temperature: 25…120 °C
Lubricant flow rate: 0.5…20 l/min

2.1. Measurements
The measurement system collects data on the above-mentioned normal force, lubricant flow and inlet temperature, as
well as the shaft rotation speeds and the torque on the slow shaft. In addition, the test disc bulk temperature on the fast
shaft was recorded using a telemetry system and a thermocouple located approximately 3.5 mm underneath the surface
at the disc contact.
The torque signal Tm measured by the torque transducer mounted on the slow shaft, can be separated into the torque
Tr originating from the bearings and the shaft seals, and the torque Tc, which originates from the disc contact. These two
values have to be separated in order to analyse the contact behaviour more precisely. The actual torque at the disc
contact can be calculated with the following equation:

Tc = Tm ± Tr

(2)

The Tr value is negative, when measuring the braking torque on the slower shaft and positive in the opposite situation.
Typical values for the torque Tr were found by measuring the shaft torque as a function of the normal force. This was
done by rotating the shafts with the same speeds 175.8 RPM, resulting in a pure rolling condition. The operating
temperature was 60 °C and three different disc pairs were used. A load-dependent equation was fitted to the measured
values shown in Fig. 3:

Tr = 0.0801⋅ ln(FN ) − 0.0265

(3)

Fig. 3. Measured points of the torque Tr as a function of the normal force with a fitted curve according to Eq. 3.
The results, as illustrated in Fig. 3, show clear variation between an interesting normal force range of 5 to 12 kN. Hence,
a sensitivity check was performed. This was done in two stages utilising the following equation:
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µc =

Tm + Tr
rdisc ⋅ FN

(4)

Firstly, the torque Tm was calculated with a friction coefficient µc of 0.03 in disc contact, a disc radius rdisc of 0.035 m and
by estimating the Tr with Eq. (3). Then the variation in the friction value was evaluated by setting the torque Tr first to 0.4
Nm and then to 1.0 Nm. The used friction value of 0.03 represents a typical value according to the experiments and the
used Tr values were found in Fig. 3. The results in Fig. 4 show a corresponding error range in the friction coefficient. The
height of the friction error band is found to be insignificant, being roughly from 0.003 to 0.001 depending on the normal
force.

Fig. 4. Calculated error bands due to variation in measured torque originating from bearings and seals.
The values found with Eq. (3) were used for all the test runs since the bearings, seals and their lubrication do not change.
3. Test specimen and lubricant properties
The discs are 70 mm in diameter and the width of the contacting surfaces is 10 mm. In an axial direction the radius is
set to 100 mm on the fast rotating disc while the other is flat. This allows an elliptical contact trace to be formed. The
discs are turned from a round bar of 18CrNiMo7-6 (EN 10084) and case hardened to a surface hardness of 59-61 HRC
A special grinding device was designed for manufacturing the desired radius and a surface topography of a real gearflank’s surface. The basic principle of this device is to rotate the disc to be ground against a rotating grinding stone at a
specified radius in order to produce perpendicular grinding marks on the specimen’s surface, as shown in Fig. 5 and
explained in detail in Ref. [27]. The discs were assembled on shafts before the final grinding in order to minimise any
possible eccentricities of components arising from the manufacturing tolerances. The average surface finish (R a) of both
discs has to be between 0.28 and 0.32 µm and the average distance of the highest peak from the lowest valley (R z)
should be below 3 µm.
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Fig. 5. Perpendicular grinding of a test specimen.
The lubricant is a mineral-based commercial gear oil with an EP-additive system for heavy duty industrial gears, which
is commonly used in marine thruster systems. The oil’s properties are shown in Table 1.
Table 1. Properties of the used lubricant according to the supplier.

Kin. viscosity @40ºC
Kin. viscosity @100ºC
Density @15ºC
VG class
Flash point (COC)
Pour point

[mm2/s]
[mm2/s]
[kg/m 3]
[-]
[°C]
[°C]

Value
150
15
897
150
240
-24

4. Experimentation procedure and test cases
The experiments commenced with a pre-run, during which the shafts were rotated at the same low speed for about an
hour with lubricant circulation and without normal load. During this time the lubricant and the temperature of both shafts
were stabilized to a constant level.
For the actual test runs the shaft rotation speeds were adjusted in order to achieve a high surface sliding speed, which
is known to increase the risk of a scuffing damage. The fast shaft rotated at 2039.3 RPM and the slow one at 175.8
RPM. With a specimen diameter of 70 mm this leads to a surface sliding speed of 6.8 m/s and a slide-to-roll ratio of
1.68. The relatively high sliding speed was determined by preliminary tests delivering scuffing failure at an achievable
force level for a reasonable test duration.
The lubricant flow has an obvious effect on the temperature of the contact through heat energy transfer. However, its
influence in real applications is often relatively challenging to predict. During the testing the oil flow to the contact inlet
was 6 l/min, which according to the preliminary tests is an adequate oil supply providing clear bulk temperature increase
after load rise. The lubricant inlet temperature was set to 60 °C, which can be considered as a typical value or slightly
below average for the common temperature range of 40 °C to 100 °C used for industrial gears for power transmission
applications [28]. These parameters were kept constant during the tests.
All the tests follow a common stepwise increasing normal load structure as shown in Fig. 6. The loading is increased
after 1000 s at that particular load level. During this period aggressive asperities on contact surfaces are flattened and
the specimen’s temperature is simultaneously increased and stabilised at a higher level.
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The step magnitudes in Fig. 6 represents the Hertzian maximum contact pressure p max for elliptical contact between the
discs:

p max =

3FN
2πab

(5)

where a and b are the semimajor axes of the contact ellipse. The increases from zero to step 1 and from step 1 to 2 are
somewhat larger than the other steps due to the current test setup’s lower accuracy in force control with relatively low
normal forces. The step increases from 2 to 6 are about 230 MPa per step and they are considered as running-in steps
covering a running-in up to full loading of a newly-ground gear teeth in real-life applications. These steps allow the
specimen’s initial settling of the surfaces. During this period the temperature and the torque signals are stabilised. The
scuffing failure and overload cycles are not applied until level 6 and upwards, which proceed in steps in 150 MPa.

Fig. 6. First 10 steps of a stepwise loading structure for the scuffing tests.
The test matrix contains three different types of test runs:
A. Reference test
B. Series of rapid sudden overload cycles with high magnitude
C. Series of sudden overload cycles with increasing magnitude
For the reference test A, the stepwise load increase is continued until scuffing occurs. The purpose of this is to set the
nominal level for failure initiation.
In series B the objective is to apply overload cycles instantly after the step increase i.e. during the stabilisation process.
Fig. 7 shows an example of a series of overload cycles starting from level 7. The magnitude is set to reach level 9.
Series C is more aimed at the running-in process. The overloading begins at a clearly lower level than the scuffing level
of the reference tests, but in contrast to the series B tests, the overload cycles are introduced to the system at steadily
increasing rates. After stabilisation at the chosen level the first overload cycles are applied in magnitudes reaching to
the next level. This 1000 s period is followed with another 1000 s period at the starting level, which in turn is followed
with overload cycles one level higher than the previous ones. This procedure is repeated until scuffing occurs. An
illustration of the procedure starting from level 7 is shown in Fig. 8.
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Fig. 7. Illustration of stepwise increasing overload cycle series of test series B. Series of overload cycles is applied after
a series of nominal load cycles at the chosen level.

Fig. 8. Principle of stepwise increasing overload cycle of test series C. Each overload cycle regime is followed with a
nominal load cycle regime at the particular level.
The actual overloading experienced by a ship’s shafting line when that ship is sailing through icy seas for example, is
challenging to reproduce. With its propeller constantly striking ice floes and the subsequent loading on the gear contacts,
it is difficult to be certain what is actually going on in a real-life situation. In addition, the measurement data achieved
from such a situation is often considered installation-specific, depending on the dynamic behaviour of the mechanical
system. Therefore, only coarse estimate of potential loading schemes is utilised for both series B and C. The loading
during the overloading period is always applied in a series of 25 + 25 cycles i.e. first at the specific overload level and
then on the starting level.
The actual scuffing initiation is manifested as a rapid increase in the torque signal. This is regarded as a stop criterion
for the testing.
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5. Results and discussion
Each test was repeated three times with the same loading scheme. The lubricant temperature at the contact inlet
remained within the range of 60±1.5 ºC for all the tests.
The surface roughness for all the test specimens was measured at three locations on the test disc in circumferential
direction at a distance of approximately 120 degrees. Table 2 presents the average of the three measurements for each
test specimen, and it clear shows that there is a uniformity between the specimens.
The force and torque sensors were calibrated before, after and occasionally during each full test series with dead
weights.
Table 2. Average surface properties for the ground test specimen.
Test
Ra [µm]
Rz [µm]
Radius [mm]
A1, curved
0.294
2.524
98.0
A1, flat
0.291
2.356
N/A
A2, curved
0.295
2.011
97.8
A2, flat
0.305
2.503
N/A
A3, curved
0.313
2.982
101.5
A3, flat
0.301
2.253
N/A
B1, curved
0.313
2.993
97.4
B1, flat
0.273
1.980
N/A
B2, curved
0.301
2.281
95.0
B2, flat
0.300
2.479
N/A
B3, curved
0.292
1.839
98.1
B3, flat
0.274
1.976
N/A
C1, curved
0.308
2.636
102.6
C1, flat
0.307
2.433
N/A
C2, curved
0.300
2.225
98.1
C2, flat
0.343
3.645
N/A
C3, curved
0.308
3.678
97.1
C3, flat
0.290
2.209
N/A
An example of resulting surface condition after scuffing failure is shown in Fig. 9. In the middle of the surface there can
be seen a dark area with clearly visible wear grooves in circumferential direction, where the scuffing occurred.
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Fig. 9. Typical specimen surface after scuffing failure.
5.1. Scuffing failure
An averaging algorithm was applied on the actual measured signals. A moving average of changing length, depending
on the observed load step, was calculated for the series of data points over the full data set. This was done in order to
remove any electrical distortion caused by the measurement equipment and/or geometrical imprecision originating from
the manufacturing tolerances or deformation of the components. The oscillation around the average for normal force
was from ±1.5…±5 %, which corresponds to ±0.5…±1.7 % in maximum Hertzian contact pressure just before scuffing
occurred. The upper limit of ±1.7 % means there is a ±40 MPa oscillation in the maximum Hertzian pressure. This
indicates that the step size of 150 MPa is enough to produce a distinct difference between the steps.
In the torque measurements the oscillation was ±6…±8 % respectively. The upper limit of ±8 % leads to ±0.002 oscillation
around the mean for the evaluated friction coefficient, which also shows that the tests are of sufficient accuracy.
The results from the test cases are shown in Table 3. The tests within each groups A, B and C are broadly the same,
although there are minor differences between them. Case A3 was tested with a step length of 1500 s and reversed shaft
speeds, i.e. the fast shaft was programmed to run at the slow shaft’s speed, and vice versa. This experiment showed
results in- line with A1 and A2. The starting level for the overload cycles for Case C1 was one level higher than for C2
or C3.
The amount of torque originating from the bearings and seals was calculated with Eq. 2. These values were subtracted
from the measured signal in order to estimate the torque and friction between the discs at different loads. Typical result
curves for the altered test types are shown in Figures 10, 11 and 12.
The newly ground surfaces, along with the torque from the bearings and shaft seals produce inaccuracies in the
determination of the contact torque and the ensuing friction coefficient. These are between 0 and roughly 1000 s, as can
be seen in Figures 10, 11 and 12. One reason for this is that the torque between the discs is at the same level as the
torque rising from the bearings and seals. This leads to the partly labile behaviour of the system at low load levels.
Table 3. Measured normal force and bulk temperature with calculated maximum Hertzian pressure and friction coefficient
between test specimen just before scuffing initiation.
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Test

A1
A2
A3
B1
B2
B3
C1
C2
C3

Overload
starting level

Scuffing
level

N/A
N/A
N/A
7
7
7
8
7
7

10
10
10
9
9
9
13
13
11

Normal
force
[kN]
9.67
9.45
9.73
7.88
7.89
7.75
15.0
15.5
11.6

Bulk
temperature
[ºC]
178
177
175
136
133
127
169
159

Hertzian pressure
[GPa]
Max
Mean
2.59
1.73
2.57
1.71
2.60
1.73
2.42
1.61
2.42
1.61
2.41
1.61
3.00
2.00
3.04
2.03
2.76
1.84

Fric. coefficient
[-]
0.022
0.026
0.022
0.031
0.030
0.033
0.023
0.024
0.024

5.1.1. Findings related to scuffing initiation
As Table 3 shows, in general, the initiation of scuffing requires high loads in terms of contact pressure and bulk
temperature. Although the results show good repeatability within each test type, there are distinctive differences between
the three series of tests, i.e. A, B and C. For example, in series B, with the overload cycles, the scuffing was initiated at
a one-step lower load level and with about a 30 % lower bulk temperature than it was for series A. Since the friction
coefficient in series B was approximately 30 % higher, the scuffing initiation may be explained by localised,
instantaneous, high heat generation and subsequent high (flash) temperatures on the surfaces while they are settling.
In this regard, Castro et. al. [29] have proposed an approach to predicting gear scuffing safety by dividing the analysis
into global and local parts depending on the state of the running-in and the contact pressure.
A comparison of test series A and C shows that it is possible to apply loading up to 18 % higher in terms of maximum
Hertzian pressure without initiating scuffing. This is calculated by comparing the highest levels without scuffing, i.e. 9
and 12 respectively, with corresponding max Hertzian pressures of roughly 2.45 GPa and 2.90 GPa, respectively. It is
also worth of noting, that the bulk temperatures at the moment of scuffing initiation do not differ significantly. Therefore,
and because of the lower scuffing level reached with test C3, a need for further research is obvious.
When looking at the utilized normal forces, the most interesting difference can be seen between series B and C. If C3
is discounted, the required force for scuffing is nearly 94 % higher in series C than it is in series B, and about 58 %
higher than in series A.
Table 3 shows that the bulk temperature measurement can only provide a rough estimate of scuffing initiation. The
gear’s loading history and its consequent surface condition have a significant impact on the development of a scuffing
failure. The effects of these factors on the calculation methods for evaluating scuffing risk will be studied in more in detail
in the near future.
5.1.2. The effect of sudden overload cycles
According to the test results in Figs. 10, 11 and 12, each increase in the load is followed by a settling period of about
200 to 400 s most clearly manifested at 4000 to 7000 s as a reduction in the torque signal. The risk of scuffing seems
to be high during this period of stabilization. A comparison of series A and B shows that although an increase of about
150 MPa in the maximum Hertzian contact pressure is not damaging, 300 MPa during the settling period clearly leads
to failure under high loading conditions.
However, if the contacting surfaces are run-in properly, an overload of roughly 450 to 750 MPa can be tolerated. This
tendency is clearly shown in the results from test series C, despite of the deviations due to local surface roughness or
material variation.
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5.1.3. The evolution of friction
The friction coefficient rises along with the load from 1000 seconds until it reaches a turning point at between 3000 and
4000 sec. Thereafter the friction begins to decline as shown in Figures 10, 11 and 12.
During the first period, the development of friction is dominated by increasing viscosity along with the loading as well as
by asperity contacts in the mixed lubrication region as the flattening of the contacting surfaces progresses. Once the
test set-up is at the level of ~1550 MPa in maximum Hertzian contact pressure, there is a clear change in the process
as the friction begins to decline. There are two possible scenarios, or combination of them, which could explain this. The
first is that at this point the aggressive asperities are considerably levelled and the system is moving towards an elastohydrodynamic lubrication regime, where the definition of the friction coefficient is dictated by the shear stresses in the
lubricant. This period is characterised by the tendency of the friction coefficient to slightly drop along with increases in
the load. This produces a consequent reduction in the lubricant’s limiting shear stress along with the increasing
temperature, as noted in Ref. [30]. It is also noticeable that during this period the introducing of overload cycles has no
significant effect on the friction coefficient. In the second scenario, the additive system of friction improvers in the
lubricant become active, which would also have a strong influence on the system’s behaviour.
5.1.4. The evolution of the bulk temperature
The bulk temperature climbs to a new level after each step-increase in the load, as shown in Fig. 13. This is due to an
increase in the generation of frictional heat in the contact. After reaching the local maximum, in roughly 300 seconds,
the heat production and the cooling via the transfer of heat energy within the lubricant and to the surrounding structures
stabilizes. A small drop in the temperature can be observed, indicating a reduction of the friction coefficient. This is also
supported by a simultaneous drop in the torque signal.
The comparison of the temperature curves for tests A1 and C3 in Fig. 13 show, that for example between 7000 and
8000 s the overload-type of loading to one step upper level produces approximately half of the temperature rise that it
does under full-time loading on this level. After stabilisation and return to full-time loading at the previous load level with
the overload procedure, the bulk temperature is observed to be declining, which indicates reduction in corresponding
friction. This trend seems to continue during the process of applying the overload cycles in series C. This suggests that
the heat generation can be kept under control, decreasing the risk of scuffing, without losing the advantage gained from
the surface flattening with this procedure.
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Fig. 10. Calculated Hertzian maximum contact pressure, torque at the contact and friction coefficient between the discs
for test A1. Scuffing is initiated after step increase at 9000 s.
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Fig. 11. Results for test B1. Series of overload cycles are applied after step increase at 6000 s leading to scuffing failure.
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Fig. 12. Results for test C2. Series of overload cycles are visible in all the curves. Scuffing initiation occurs in the
beginning of the 5th series.

Fig. 13. Bulk temperature for test cases A2, B1 and C2. Scuffing initiation is seen as a rapidly rising peak in the
temperature signal.
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6. Conclusions
This paper has presented the results of an approach to investigating scuffing initiation under overloading by means of a
twin-disc test device. The main conclusions can be summarised as follows:
•

The twin-disc test arrangement is well suited to study scuffing under dynamic loading.
o The mechanical and thermal loads are efficiently controlled and their influence on the behaviour of the
lubrication film are well captured.
o A wide range of applied loads and surface conditions as a result of running-in can be studied effectively.
Scuffing initiation due to overloading is substantially dependent on the occurrence of the loading.
o Overload cycles during the running-in period significantly increase the risk for scuffing.
o The introduction of overload cycles in a controlled manner, taking into account the settling of the
surfaces and the increase in surface temperature, may improve the component’s resistance to scuffing
initiation under heavy loading.
o The load history of the gears and their subsequent surface condition caused by running-in have a
considerable effect.
Using the bulk temperature to predict the risk of scuffing in a material-lubricant pair only gives a rather coarse
result.

•

•

The improved performance against scuffing failure gained by introducing overloading is not only dependent on the
magnitude of the applied load cycles or the sequence, but the prevalent temperature and the contact pressure. In
addition, also other variables such as the gear’s material, its initial surface condition and the lubricant, which impacts
were not studied within the tests, may have a clearly noticeable effect. Because of this complexity, further research is
required to enable the results of these tests to be utilised in dimensioning and more precise calculation of the risk for
scuffing. In practice the achieved knowledge could be also applied to, for example, running-in processes of gears in
marine applications.
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